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Multiple double-row, four-point bearings of three different sizes
are tested on four different test rigs, and the friction torque at
different bending moments and axial loads of the bearings are
measured, resulting in significant discrepancies in the torque

of identically sized bearings.

By 0. MENCK, K. BEHNKE, M. STAMMLER, A. BARTSCHAT, F. SCHLEICH, and M. GRASSMANN

he friction torque of rotor blade bearings is a required
parameter for the design of pitch actuators and may
provide information about continued degradation
and impending failure of the bearing. The torque is
heavily influenced by the operating conditions and external
loads acting on the bearing. Test results for real-size bear-
ings under realistic loads are rare. This article presents test
results of various double-row four-point bearings of three
different diameters, ranging from 0.7 meters up to 5 meters.
They are loaded with bending moments and axial loads, and
their behavior at different speeds is compared. For the same
bearing type, large differences are observed at zero load that
decrease for higher loads. At lower contact pressures, the
change from four-point into two-point contact is clearly vis-
ible and results in a temporary decrease of the torque. To
monitor potential degradation of the bearing, an empirical
model that can be fit to a particular bearing is proposed.

1INTRODUCTION

Rotor blade bearings rotate (“pitch”) the blades of modern
wind turbines along their longitudinal axis. This allows
for braking of the turbine and is therefore a safety-critical
function. Aside from the large movements required for brak-
ing, blades also pitch by small angles in order to control the
power of the turbine, and manufacturers are increasingly
utilizing this to reduce fatigue loads on the other compo-
nents [1]. Pitch movement is commonly facilitated with an
electrical pitch drive or a hydraulic one. The friction torque
of the bearing is a required parameter for the design of these
actuators. As it is significantly influenced by the loads acting
on the bearing, a friction torque model is needed to gauge
the torque of the bearing in operation when the actuator
design is carried out.

The friction torque is a resistance that acts against the
direction of rotation. It is caused by friction of the rolling
bodies with the raceway and, to a lesser extent, with the
cage, as well as the friction of the seal. Rolling body to
raceway friction is the greatest component of the friction
torque, and it is therefore highly dependent on the load
distribution within the bearing [2]. Bearings can experience
a number of different damage modes. These include, but
are not limited to, rolling contact fatigue of the raceways,
wear of the raceways, destroyed rolling elements, and cage
failure [3][4]. All of the aforementioned can affect the load
distribution or change the friction torque in another man-
ner, e.g., by increasing raceway roughness or producing de-
bris in the bearing. Therefore, a large number of damage
mechanisms can be detected externally by monitoring the

friction torque of the bearing. A change of this character-
istic under comparable conditions indicates damage in the
bearing. Rotor blade bearings, however, experience stochas-
tic operating conditions. Comparable load situations may
thus be difficult to find, hence why a friction torque model
can be of great help to gauge whether the bearing’s behavior
has altered. There are a number of friction torque models to
be found in the literature. An overview of relevant empir-
ical models is given in [5], who apply the results to a blade
bearing subjected to a bending moment and compare the
various models with test results. Another measurement of
blade bearing friction torque is given in [6], where a blade
bearing is placed on a test rig and subjected to a combina-
tion of bending moment, radial force, and axial force. The
measured friction torque is then compared to an empirical
model. Both publications suggest the models do not neces-
sarily reflect the torque of rotor blade bearings accurately.
The two aforementioned publications are the only publica-
tions with measurements of blade bearing friction torque
known to the authors. Other friction torque models can be
found e.g. in [2][7], where the authors construct a detailed
contact model of bearings and predict bearing torque based
on simulated contact stresses.

Friction torque measurements of large slewing bearings
are expensive and elaborate procedures, particularly for
measurements under realistic loads. Real-size blade bearings
are large and test rigs that can apply loads in all degrees of
freedom are rare. This article aims to supplement the exist-
ing literature with many additional measurements under
various loads shown in Section 4 using the test setups shown
in Section 2. We then propose a friction torque model that
can be fit to individual bearings in Section 5, before finish-
ing the article with conclusions in Section 6.

2 TEST SETUP

The results presented in this article consist of test results
collected over the span of several years. The measurements
were taken in the context of various test campaigns. They
contain results for bearings of three different sizes, tested on
four different test rigs. Bearings of each size were subjected
to both axial loads and bending moments.

All bearings investigated in this article are double-row,
four-point bearings. This is currently the most common
type of blade bearing [8]. All of the bearings tested are made
of 42CrMo4 steel with balls made of 100Cr6 steel, which is
a typical combination for blade bearings [9]. The bearings
were made by three different manufacturers who common-
ly supply bearings to actual wind turbines, and they all use
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Name Pitch Balls per Ball Contact Seal lips Corresponding
diameter row diameter angle test rig

0.7m 0.673m 69 25.4mm 45° One axial BEAT1.1

2m 2.31m 102 65mm 40° Two radial BEAT2.1

2m 2.3Tm 98 65mm 40° Two radial BEAT2.2

5m 4.69m 147 80mm 45° One axial, one radial BEAT6.1

Table 1: Double-row, four-point bearing types used for this article.

the same commercial grease specifically recommended for
blade bearings.

The three bearing sizes used for this article are listed in
Table 1. The smallest ones are referred to as “0.7-meter bear-
ings” in the following. They are used for more fundamental
tests and are much smaller than the blade bearings used
in modern, multi-MW turbines. Nonetheless, the 0.7-meter
bearings were manufactured using the same techniques also
used for larger bearings, and their design was made to re-
semble actual blade bearings as closely as possible. Next in
line are the “2-meter bearings.” These bearings were made
for existing 3 MW onshore turbines. Two slightly different
versions of this bearing were tested, with one having four
more balls than the other but otherwise being of identical
dimensions. This is because the two slightly different ver-
sions were built by two different manufacturers. Finally, the
“5-meter bearings” are bearings created for the theoretical
IWT?7.5 reference turbine, a 7.5 MW nearshore turbine [1];
they are described in more detail in [10]. All bearings use
different seals, with the smallest bearings having only one
dust lip for the upper and lower seal while the other two
bearings have two lips per seal.

Four different test rigs were used for the generation of the
results in Section 4. The test rigs are shown in Figure 1. Two
test rigs are hexapod designs that can apply loads in six de-
grees of freedom (DOF), while the other two are less complex
in their design. The smallest of the test rigs is called “Bear-
ing Endurance and Acceptance Test rig 1.1” (“BEAT1.1”) and
is shown in Figure 1a. It was used to generate test results for
the 0.7-meter bearings. It is a hexapod design and can thus
apply loads in six DOF, but is particularly suited to the appli-
cation of high bending moments due to the orientation of the
cylinders. This allows for an application of loads that closely
resemble those on an actual blade bearing in a wind turbine.

Bearings are installed in the center of the hexapod, con-
necting the bottom of the structure with the upper, actuated
platform. Due to the closed-chain design of the hexapod,
two bearings are required in order to rotate the blue-colored
central element shown in Figure 1a. An electrical drive is
used to turn the bearings. There are two test rigs shown
for the 2-meter bearings. These are only able to load the
bearings accurately in fewer DOF. The first of these is called
“BEAT2.17; it is shown in Figure 1b. It is the only open-chain
test rig design included in this article and, consequently,
the only one that merely uses one bearing for a test. The
test rig consists of an actual hub of the wind turbine for
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which this bearing was used, and a significant part of its
blade. Rotation of the bearing is achieved using an electrical
drive. By applying a load to the blade, it is possible to apply a
bending moment to the bearing. This procedure is explained
in detail in [5], and the test results of the BEAT2.1 included
here are identical to those in the aforementioned reference,
with the only difference being they are not normalized in
this article. The “BEAT2.2” shown in Figure 1c is made for
the same size of bearings, but it can only apply compressive
axial loads. Additionally, the bearings were sourced from a
different manufacturer and, therefore, contain four fewer
balls, as mentioned earlier. Finally, the “BEAT6.1” shown in
Figure 1d is the largest and most versatile of all test infra-
structures used in this article. It employs a hexapod design
like the BEAT1.1, but additionally uses elements that were
designed to represent the stiffness behavior of the blade and
hub of the IWT?7.5 turbine, respectively. The bearings in the
image are orange. The red structure above the upper and
below the lower bearing represents the hub stiffness, and the
white structure in the middle represents the blade stiffness.
Therefore, this test rig design combines the upside of the
BEAT2.1 — the representation of realistic stiffnesses of the
surrounding structures of the bearings —with the BEAT1.1’s
ability to load the test rig in all six DOF.

Torque measurements were conducted differently de-
pending on the test rig. The BEAT1.1 uses a calibrated torque
meter off the shelf between the gearbox and electrical drive.
Torque measurements T, thus contain both the bearing
torque T, as well as the gearbox torque T,,, but the results
shown in this article have been corrected for the gearbox
by use of an empirical function created by the authors,

r-'Fgl:..m. = i,!:l—f.'ze—f!.':f

where V, is the rotational speed of the bearing and t is the
measured temperature. The values ¢, to ¢, are empirical vari-
ables that were determined by moving the gearbox without
any attached bearing. To validate the gearbox torque model
above, the corrected torque T, = T, — T,.s at zero load was
then compared to the value given by the manufacturer in
the bearing’s test certificates.

Both the BEAT2.1 and the BEAT2.2 use a custom-built
torque meter that sits at the end of the gearbox and is thus
unaffected by the gearbox torque, but may still be slightly
affected by friction of the pinion against the bearing gears.
The functionality is also described in [5]. Finally, the tests



Figure 1: Test rigs used for the measurements.

(a) “BEAT1.1,” for 0.7-meter bearings (in metallic) @Fraunhofer IWES/
Ulrich Perrey.

(b) “BEAT2.1,” for 2-meter bearings (at blade root) @Fraunhofer IWES/
Martina Buchholz.

(c) “BEAT2.2,” for 2-meter bearings (in non-metallic gray, with gear
teeth on outer ring) @Fraunhofer IWES/Karsten Behnke.

for the BEAT6.1 were carried out using a hydraulic actuator
with aload cell installed at its end, so that only friction at the
swivel head of the cylinder is measured on top of the actual
bearing torque. The load cell measures a force that is then
translated into a torque of the bearings. For all test rigs with
two installed bearings, the measured torque was divided by
two in order to obtain the torque of one average bearing.

3 FE MODELS

Finite element (FE) analyses were conducted to validate
some of the behavior seen in the test results in Section 4.
The FE models of the three different bearings are modeled
according to the method published by Daidié [11]. This is a
common method that reduces the computational effort sig-
nificantly by means of nonlinear spring elements, which
represent the rolling bodies. Rigid beam elements connect
the springs with rigid shell elements that lie on the surface

(d) “BEAT6.1,” for 5-meter bearings (in orange) @Fraunhofer IWES/
Marcus Heine.

of the raceway. The shell elements roughly represent the size
of the contact ellipse at a characteristic contact pressure. A
force-deflection curve, calculated according to Houpert [12],
controls the behavior of the springs. Each spring represents
one load-transmitting diagonal of a ball. Therefore, two
spring elements represent one ball in a four-point contact
ball bearing.

Blade bearings are typically manufactured with negative
clearance, i.e., preload of the balls [9], to ensure every ball
is in contact with the raceway under unloaded conditions.
Due to the modeling approach used and the secure connec-
tion of the shell elements with the raceway, it is not possi-
ble to model a negative clearance directly. To consider the
preload of the bearing, a temperature-dependent behavior
of the beam elements is enabled. In the analysis, a defined
temperature gradient makes the beam elements expand in
a first load step. This results in a preload force in the non-
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linear spring elements. The desired
preload force can be calculated using
the contact deformation and related
contact pressure according to [12]. The
5-meter bearing, for instance, has an
average ball oversize of 75 pm. This is
equivalent to a negative clearance of
37.5 pm for one ball-raceway contact.
The respective ball load of a contact
deformation of 32.5 pm is hence used
as the ball preload. Then, the tempera-
ture gradient in the FE model is set ac-
cordingly to match the calculated ball
force. The external load is applied in a
second load step. o

Whereas the external loads are di-
rectly applied to the flange surfaces
for the FE simulations with the 2-me-
ter and 5-meter bearings, the 0.7-meter
bearing is initially implemented in a
complete model of the BEAT1.1 test rig
structure. The FE model of the BEAT1.1 s
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in Figure 2.

The loads are applied by six joint
couplings between the foundation and
the upper, actuated platform in order
to represent the load application with the six hydraulic cyl-
inders of the test rig. Bolts at both the inner and outer rings
of the bearing as well as frictional contacts between all inner
cylindrical component flange surfaces ensure a realistic de-
formation behavior of the structure.

4 TEST RESULTS

Several bearings were tested on each testrig but the BEAT2.1,
which only tested one. All bearings have been subjected to a
bending moment and an axial force. Bending moments are
the most significant type of load acting on blade bearings
[13], since the blade acts as a lever. The bending moment
causes an axial load distribution along the circumference
of the bearing, with one side being compressed and the oth-
er one being under tension. Moreover, axial loads on blade
bearings are typically larger than radial loads [13]. For these
reasons, an axial load is also applied. The loads were chosen
such that they caused a contact pressure of 2-2.5 GPa, since
these are realistic values for blade bearings in regular oper-
ating conditions [14].

The bearings all performed an oscillating movement,
moving forward by 60° (BEAT1.1, BEAT2.2, BEAT6.1) or 10°
(BEAT2.1) from an initial position and then back again. Data
was recorded with a frequency of 50-200 Hz, and the average
absolute torque value during the movement, including the
forward and backward movement, was taken. Spikes at the
beginning and end of the movement were excluded.

Figures 3 and 4 show the test results for the 0.7-meter
bearings. Figure 3a shows the torque under a moment load,
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Figure 3: Friction torque measurements for the 0.7-meter bearing.

with the bearing being subjected to positive and negative
moments ranging from minus-125 kNm to 125 kNm. Results
for axial loads ranging from minus-500 kN to 200 kN are dis-
played in Figure 3b. There are two scales given for the abscis-
sa, with one showing the global load acting on the bearing
denoted M, for the bending moment and F,, for the axial load.
The scale below shows the maximum contact pressure that
follows from a simplified model of these bearings with stiff
rings, zero clearance, and two-point contact. This is intended
to allow for better comparison of the results of differently
sized bearings.

The results show a significant difference in torque at zero
load for the bearings although they are of identical type and
produced in the same batch. At M, =0 as well as F,, = 0, the
bearing is essentially unloaded (more precisely, the lower
bearingis unloaded; the upper one will experience slight ten-
sion due to the compensation of the weight of the blue steel
tube between the two bearings). The friction torque varies
by a factor of more than three between bearing IDs 172/173
and 143/144. These differences correspond to the friction
torque measured by the manufacturer and documented in
the bearing’s acceptance test certificates, and bearings were
sorted in pairs so these values resemble each other. The dif-
ferences thus likely stem from manufacturing fluctuations;
that s to say, differences in external clearance: Due to qual-
ity fluctuations in the manufacturing process, the preload
varies, and its actual value has a significant effect on the
friction torque, as has been shown by Chen et al. [9]. Bearings
are usually assembled by introducing a set of balls within a



defined diameter range and checking if the torque is within
specifications, and the range of allowed torque is often broad
since there is no requirement to reach an exact value. In this
case, it was merely specified for the bearings to have negative
clearance, without any initial torque range being specified.
Differences in the torque between the bearing sets can be
seen to decrease as an external load is applied, particularly
for the high thrust loads in Figure 3b. This appears to vali-
date the theoretical results of Heras et al. [7], who modeled a
bearing with manufacturing faults and concluded that their
effect on the load distribution decreases as external loads
increase. However, there are still major differences in the
torque at high moments, even despite the high associated
contact pressures (see Figure 3a).

Furthermore, it is noted that, at low loads between 0-1.5
GPa, the torque drops when the absolute value of loads is in-
creased. This seems counterintuitive, as friction is typically
assumed to be roughly proportional to the normal load. Two
factors likely play a role here: The bearings have four-point
contacts, and they are preloaded, as mentioned earlier. This
means that, for zero load, the friction torque is given by the
sum of four contacts per ball. As the load increases, the con-
tact eventually turns into a two-point contact [3], and it is
likely the transition occurs at these low pressures and, there-

fore, causes the drop in friction torque. FE analyses were
conducted to validate these theories. Using a ball oversize
of 35 pm to reach negative clearance, the transition from
four- to two-point contact occurred fully at F,, = minus-200
kN and F,, = 180 kN for axial loads and at M, = 230 kNm for
bending moments. These points correspond well to the local
minima of the torque shown in Figure 3.

Speed influence of the torque is depicted in Figure 4 for
a constant bending moment of M, = 125 kNm. Speeds were
chosen to represent actual operating speeds in a turbine.
Generally, an increase in the torque at higher rotational
velocities can be observed, but the exact influence of the
speed on friction torque appears to change depending on
the bearing. For bearing IDs 143/144, the influence is signifi-
cant, and the torque at a rotational velocity of 10°/s is over 60
percent higher than at the low speed of 0.5°s. For the other
bearings, the increase between these two points is below 15
percent. Similar behavior was also evident at other loads not
included in this article.

The results for the 2-meter bearings are given in Figures
5 and 6. Note that the axial and moment load cases have
been obtained with two different test rigs as explained in
Section 2. The impact of the bending moment on friction
torque is given in Figure 5a for a single tested bearing at dif-
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ferent rotational velocities. The effect of the rotational speed
is observed to be almost negligible, while the influence of
the moment is significant. Unlike in the other plots shown
in this article, there is no visible drop in the torque for an
increased moment. This is likely due to the resolution of the
measurement data: As seen in Figure 5a, the torque was only
measured at 0 MNm and 2 MNm, corresponding to 0 GPa and
1.9 GPa, respectively. The transition from four- to two-point
contact likely occurred in between these two measurement
points and is therefore not visible in the figure. Moreover,
due to the design of the BEAT2.1, the blade had to be disas-
sembled for the 0 MNm measurement, and, therefore, the
blade flange was not preloaded with bolts as it was for the
other measurements. This may also have slightly decreased
the torque at zero load. Finally, as seen in Figure 3, the axial
load appears to cause a greater drop in torque, since all balls
transition from four- to two-point contact at the same time
with an axial load, whereas the transition is more gradual for
a bending moment and may thus be less visible in the data.

This theory is further supported by the behavior of the
bearings under an axial thrust load depicted in Figure 5b.
Here, a clear drop in the torque is visible in the region be-
tween 0 GPa and 2 GPa contact pressure. Again, as already
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N After the model has been validated,
it could be used to track the bearing
behavior and identify potential damage.
This could be accomplished by taking
repeated measurements of the friction
torque during operation and by
comparing these measured values to
predicted ones from the model. 7

seen for the 0.7-meter bearings, the effect of manufacturing
fluctuations appears to cause significant differences in the
torques in an unloaded state of the bearing. These differenc-
es decrease for a high thrust load in a very similar manner
to those of the 0.7-meter bearing, converging against each
other and, thereby, further supporting the simulations of
Heras et al. To validate whether the drop may be caused by
a transition from four-point into two-point contact, FE sim-



350
- Bleariegs 143 and 14 IE
Blearlegs 162 and 163 | ¥
- Beariegs 172 and 171 .
- Beariegs 174 and 175 ] e =
— i
Fo— = B
1] 2 4 (i B 1
Speed in "=

Figure 4: 0.7-meter bearings at different speeds at a constant bending
moment.

Forgua in kNm

Toequs in kNin for ¢

) Bengding momsent

Figure 5: Friction torque measurements for the 2-meter bearing.

Bearings | and 2
Erearinge | and 3 with o seal dissssambled |
Beasings 1 and 3 |
Bearings 4 and 5 !

[

—~ Bearings 6 and 7

Bearings & and 9
o 1 2 3 4 5 Lt
Bpead in * /s

Figure 6: 2 m bearings for different speeds at a constant axial load.

ulations were performed and showed a transition at a load
of 2.6 MN for a ball oversize of 45 pm.

Bearing IDs 1/2 were tested with a disassembled upper
seal on one of the bearings, and the results are compared
to the bearings with a complete set of seals. The effect of
the seal on friction torque appears to be roughly constant,
particularly at higher loads.

Additionally, all bearings were tested at different rota-
tional velocities on the BEAT2.2 test rig. The results for a
thrust load of F,, = minus-4.25 MN are given in Figure 6. As
already seen with the 0.7-meter bearings, the effect of the
speed on friction torque appears to depend on the particular
set of bearings that were tested. Furthermore, a slight in-
crease in the torque is observed at higher rotational speeds,
ranging from 20 percent to 30 percent depending on the

(h) Aximl foree

bearings. As above, bearings IDs 1/2 were also tested with one
disassembled seal, and the offset is again roughly, though
not exactly, constant over all speed levels.

Finally, test results for two sets of 5-meter bearings on the
BEAT6.1 test rig are given in Figure 7. These data were ob-
tained for a rotational speed of 3°/s only, again for a bending
moment and an axial load. Bearing IDs 1/2 use a rotationally
symmetric steel tube to connect the bearings, while IDs 3/4
use a hybrid construction of glass-fiber reinforced plasticand
steel described in [3] that reflects the stiffness behavior of
the blade. The results for the bending moment are given in
Figure 7a. For bearing IDs 1/2, an almost linear increase for
the positive moment is observed similar to the result for the
2-meter bearings, and again there is no
visible drop in the torque at low loads,
likely due to the low resolution of data
points with respect to the contact pres-
sure. For bearing IDs 3/4, an increase in
the torque is observed at Mb=*5 MNm
for a contact pressure of 1.5 GPa. This
behavior is in principle similar to that
seen with some of the 2-m bearings in
Figure 5b.

T For the axial force, the behavior of

g both sets of bearings is comparable to

that of the 0.7-meter and 2-meter bear-

ings. The torque visibly drops after 1.7

GPa to 1.9 GPa. As above, this is likely

due to a transition from four-point into two-point contact,

and FE simulations have been performed with balls over-

sized by 75 pm that demonstrated the transition at an axial

load 0f 9.8 MN. Compared with the earlier results, it is highly

likely that, for higher contact pressure, the torque would
increase again in an approximately linear fashion.

For both the moment and the axial load, the torques of
both sets of the 5-meter bearings appear to converge against
each other at the highest tested load. Furthermore, the upper
seal of bearing IDs 1 and 2 was disassembled, and the differ-
ence in torque is almost constant over all load levels tested.

5 FRICTION TORQUE CURVE FIT

The previous section suggests individual bearings can show
significantly different behavior under otherwise identical
conditions, particularly at low loads. This means common
models such as those in [5] cannot predict the behavior of
blade bearings accurately, since none of them takes into
account the differences that cause these individual effects.
Moreover, pitch bearings rarely operate under long steady
movements, but rather have varying loads and speeds,
meaning the influence of these factors must be determined.
We therefore propose an empirical approach to model the
friction torque of a particular bearing. This can be fit to a
bearing using measurement data taken from operation or a
test. Using the fit, and by continuously monitoring the bear-
ing during operation, it is then possible to perceive changes
in the bearing’s behavior. As explained in Section 1, these
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changes indicate degradation occur-
ring within the bearing and may thus
be used to forecast a required exchange
of the bearing during future mainte-
nance operations.

In order to generate data for the —
model, a full factorial test plan was '
devised. This was used for each of the
0.7-meter bearing sets. The resulting
moment M, was changed from 0 kNm
to 125 kNm in steps of 25 kNm, and the
angle « of the resulting moment was
changed from minus-45° to 45° in steps of 22.5°. Rotational
speed V,was varied from 0.5°[s to 10°/s in steps of 2.375°/s and
the axial force F, varied between 0, 25, and 50 kN. Combining
all these steps into a full factorial design results in 391 data
points for which the torque was recorded and analyzed as
described in the previous section.

The model for friction torque T, is then proposed as

= kN oy

Feram

[ a
Fics i GPa iy,

T = lo1 + c2Vi + en sinfan) + o4 cos{o)] [ + coMies + cpe™ M 4 0P,

where the constants c, to ¢, have to be determined for each
individual bearing (or set of two, as is the case for most test
rigs in this article). The terms in the right brackets of Equa-
tion 2 represent the load-dependent behavior of the bearing.
As the moment M,,, increases, the torque goes up; merely in
the beginning, there is a local maximum for which the term
¢,e ™ has been included that drops off to 0 for large M,...
Similarly, an increase in the axial force F, generally leads to
an increase in torque; here, too, an exponential term could
be included to consider the drop off in the beginning but
has not been used here due to the small range of axial loads
covered in the test plan. The terms in the left brackets are
intended to include effects from the lubricant, which may
be expressed in terms of the speed V,, and an effect of the
direction of the resulting moment «, which in the results
produced by the authors had some influence because the test
assembly is not perfectly rotationally symmetric. Using this
model and deriving a value of ¢, through “trial and error”
methods, the rest of the equation can be expanded to obtain
an equation that is linear in all terms and can thus be easily
solved. Solving it for bearings 162 and 163 as well as 172 and
173 of Figures 3 and 4 gives the results displayed in Figure 8.
The effect of the e-function term at low moments is clearly
visible, particularly for the bearings 172 and 173, and the
torque can correctly be seen to increase for higher speeds.
However, although the result is better than using available
models (cf. [5]), the fit could still be improved further. The
root-mean-square error is 13.77 Nm for bearing IDs 162/162
and 18.23 Nm for IDs 172/173.

As mentioned earlier, after the model has been validated,
it could be used to track the bearing behavior and identify
potential damage. This could be accomplished by taking re-
peated measurements of the friction torque during operation
and by comparing these measured values to predicted ones
from the model. Once the difference between the measured
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Figure 7: Friction torque measurements for the 5-meter bearing.
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Figure 8: Curve fit of the friction torque of some 0.7-meter bearings.

and the predicted values exceeds a predefined threshold, a
possible damage could be detected. Such a threshold could
be defined in the beginning of turbine operation, when the
bearingis known to be intact and deviations from the model
are therefore known not to be critical.

6 CONCLUSIONS

Multiple double-row four-point bearings of three different
sizes were tested on four different test rigs and the friction
torque at different bending moments and axial loads of the
bearings measured. The results showed significant discrep-
ancies in the torque of identically sized bearings.

This is likely due to manufacturing fluctuations that
cause a difference in negative clearance between the oth-
erwise identical bearings, and similar behavior has been
shown by Chen etal. [9]. The effect of this discrepancy dimin-
ishes as external loads increase, which supports simulations
performed by Heras et al. [7], who observed that manufactur-
ing errors have a decreasing effect on the internal load distri-
bution for increased external loads. At low contact pressures
under 2 GPa, a drop in the torque was observed for increased
external loads. This is likely due to a transition from four-
point into two-point contact, and FE simulations have been
performed to validate this hypothesis for all bearing sizes.
Furthermore, it was noted that rotational speed appears to
have an effect on the torque that varies between bearings



and that is relatively small, but not negligible for most of
the tested bearings.

In order to model the friction torque, an empirical equa-
tion was suggested. This allows for curve fitting of the torque
under various load combinations and can be tailored to a par-
ticular bearing or a set thereof installed on a test rig. Using the
model, it is possible to track continued degradation, though
the model still leaves room for further improvement. -
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